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DYNAMIC ANALYSIS OF NON LUBRICATED,  MULTI STAGE PISTON 

AIR COMPRESSORS

ABSTRACT

The primary purpose of this study is to explore the design and basic calculations 

of the Non Lubricated, Multistage Piston Air Compressor. These type of compressors

are special machines in the industry because of the working conditions. These kind 

of machines are used where the pure air is required, such as PET blowing industry, 

Food and Medical Sectors, Electronic industry etc.  

In this study we designed all the parts with using Pro-Engineer CAD program and 

made all of the calculations with Ansys Finite Element Program. For the optimum 

compressor design there are some specific calculations such as, strength analysis of 

the moving parts, balancing of the rotating and reciprocating parts, flywheel selection 

etc. Shortly in these study we examined all of these specific calculations and designs.

This project was the goverment supported R&D project of the MAKSAS 

MAKİNA SANAYİİ A.Ş. so at the end of the project we had a chance to compare 

our calculation with the test results. On the other hand, during the project we could 

follow all production and test processes and controlled the design instantly. 

Keywords: Non-Lubricated, Piston Air Compressor, finite element, balancing, 

flywheel, kinematic and dynamic calculations, strength
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YAĞSIZ, ÇOK KADEMELİ, PİSTONLU HAVA KOMPRESÖRLERİNİN 

DİNAMİK ANALİZİ

ÖZ

Bu çalışmanın ilk amacı, yağsız, çok kademeli, pistonlu hava kompresörlerinin 

tasarım ve temel hesaplamalarını incelemektir. Çalışma koşulları nedeniyle bu tip 

kompresörler endüstride özel makinalardir. Bu makinalar, saf hava ihtiyacının 

olduğu PET şişirme endüstrisinde, ilaç ve gıda endüstrilerinde, elektronik 

endüstrisinde kullanılmaktadır.

Bu çalışmada bütün parçalar Pro-Engineer CAD programı kullanılarak 

tasarlanmıştır ve bütün hesaplamalar ANSYS sonlu elemanlar programı kullanılarak 

yapılmıştır. En uygun kompresör tasarımı için hareketli parçaların mukavemet 

analizleri, dönen ve gidip gelme hareketi yapan parçaların dengelenmesi, volan 

seçimi gibi özel hesaplamalar vardır. Bu çalışmada bütün bu özel hesaplamalar 

incelenmiştir.

Bu proje MAKSAŞ MAKİNA SANAYİİ A.Ş.’ nin devlet destekli Ar&Ge 

projesidir. Bu nedenle proje sonunda, yapılan hesaplamalar ile test sonuçlarını  

karşılaştırma şansına sahibiz. Yanı sıra proje süresince bütün üretim ve test aşamaları 

takip edilerek tasarım sürekli olarak kontrol edilmiştir.

Anahtar Sözcükler: Yağsız, Pistonlu hava kompresörü, sonlu elemanlar methodu, 

dengeleme, volan, kinematik ve dinamik hesaplamalar, muhavemet
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CHAPTER ONE

INTRODUCTION OF COMPRESSOR

1.1 History Of Reciprocating Compressor

Before looking at the design details of the oil-free reciprocating compressor, it 

may be of interest to review what has been produced in the past and to examine the 

present “ state of art”

Oil-free cylinder designs were created in the early 1930s. These cylinder designs 

used water for lubrication and saw service in brewery applications. Soap and water 

for lubrication was used for compressors pumping oxygen.

In about the mid 1930s, the first high-pressure , 2000 psi non-lubricated air 

compressor was made using carbon rings. In subsequent years, many single and 

multi stage compressors ware made using carbon as the wearing material fort he 

piston and rider bands. The carbon piston ring construction is shown in Figure 1.1

Figure 1.1 Piston with Carbon Rings
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This was a “non-floating” type piston, which meant that the carbon rings 

transferred the weight and load of the iron piston on to the cylinder bore. Piston rings 

with expanders were used to seal the gas.

Another type of construction was a “floating” piston, in which a tail rod used with 

a small auxiliary crosshead. The tail rod supported the piston and prevented it from 

touching the bore. Carbon-rider rings were not used.

The pressure packing was either a soft braided asbestos yarn, sometimes filled 

with animal fat lubricant, or rings made of graphite or segmented carbon. Carbon has 

a great disadvantage; it is an extremely brittle material and requires extreme care 

when installing to prevent chipping and breakage.

Prior to the advent of high performance polymers, the process industry had 

adopted a standard of ordinary teflon construction. Piston and packing rings are often 

fabricated from a group of materials based on DuPont’s polytetrafluroethylene 

(PTFE ). Various fillers are used such as glass ( fibre ), carbon, bronze or graphite.

1.2 Methods Of Compression

Four methods are used to compress gas. Two are in the intermittent class, and 

two are in the continuous flow class.

1. Trap consecutive quantities of gas in some type of enclosure, reduce the 

volume ( thus increasing the pressure ), then push the compressed gas out of 

the enclosure.

2. Trap consecutive quantities of the gas in some type of enclosure, carry it 

without volume change to the discharge opening, compress the gas by 

backflow from the discharge system, then push the compressed gas out of the 

enclosure.

3. Compress the gas by the mechanical action of rapidly rotating impellers or 

bladed rotors that impart velocity and pressure to the flowing gas.
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4. Entrain the gas in a high velocity jet of the same or another gas and convert 

the high velocity of the mixture into pressure in a diffuser.

Compressors using methods 1 and 2 are in the intermittent class and are known 

as positive displacement  compressors. Those using method 3 are known as dynamic 

compressors. Compressors using method 4 are known as ejectors and normally 

operate with an intake below atmospheric pressure.

Table 1.1 Compression methods

Compressors change mechanical energy into gas energy. This is in accordance 

with the First Law of Thermodynamics, which states that energy can not be created 

or destroyed during a process, although the process may change mechanical energy 

into gas energy. Some of the energy is also converted into non-usable forms such as 

heat loss. 
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Mechanical energy can be converted into gas energy in one of two ways;

1. By positive displacement of the gas into a smaller volume. Flow is directly 

proportional to speed of the compressor, but the pressure ratio is determined 

by pressure in the system into which the compressor is pumping.

2. By dynamic action imparting velocity to the gas. This velocity is then 

converted into pressure. Flow rate and pressure ratio both very as a function 

of speed, but only within a very limited range and then only with properly 

designed control systems.

1.3 Air Compressors Basic Operation

An air compressor operates by converting mechanical energy into pneumatic 

energy via compression. The input energy could come from a drive motor, gasoline 

engine or power takeoff. 

Modern compressors use pistons, vanes and other pumping mechanisms to draw 

air from atmosphare, compress it and discharge it into a receiver or pressure system. 

The most basic types of air compressors are designated as “ Positive Displacement ”  

and “ Non-positive Displacement ”. The characteristic action of a positive 

displacement compressor is thus a distinct volumetric change a literal displacement 

action by which successive volumes of air are confined within a closed chamber of 

fixed volume and the pressure as gradually increased by reducing the volume of the 

space.

The forces are static that is, the pumping rate is essentially constant, given a fixed 

operating speed. The principle is the same as the action of a piston/cylinder assambly 

in a simple hand pump.

Gas compression has been one of the anchor points of the industrial revolution, 

beginning with low pressure air supply for iron and steel refining, through higher 

pressure air supply for drilling and plant operating equipment, to high pressure as 
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required for chemical synthesis, storage and pipeline deliveries of fuel gases. The 

positive displacement compressors in use today can trace their ancestry back to the 

original pumping machines invented by James Watts, or the bellows and blowers of 

blacksmith.

1.4 Positive Displacement Compressors

Positive displacement compressors generally provide the most economic solution

for systems requiring relatively high pressure. Their chief disadvantages is that the 

displacing mechanism provides lover mass flow rates then non-positive displacement 

compressors.

Positive displacement compressors are divided into those which compress air with 

a reciprocating motion and those which compress air with rotary motion. 

1.4.1 Reciprocating Compressors

This design is widely used in commercial air compressors because of its high 

pressure capabilities, flexibility and ability to rapidly dissipate heat of compression. 

Compression is accomplished by the reciprocating movement of a piston within a 

cylinder. This motion alternately fills the cylinder and then compresses the air. A 

connecting rod transforms the rotary motion of the crankshaft into reciprocationg 

piston motion in the cylinder. Depending on the application, the rotating crank is 

driven at constant speed by a suitable prime mover. Separate inlat and discharge 

valves react to variations in pressure produced by the piston movement.
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Figure 1.2 Actual Compressor indicator card

As. figure 1.2 shows, the suction stroke begins with the piston at the valve side of 

the cylinder, in a position providing minimum ( or clearance ) volume. As the piston 

moves to a maximum volume position, outside air flows into the cylinder through 

inlet valve. The discharge valve remains closed during this stroke. During the 

compression stroke, the piston moves in the opposite direction, decreasing the 

volume of air as the piston returns to the minimum position.

During these action, the spring loaded inlet and discharge valves are automatically 

activated by pressure differentials. That is, during the suction stroke, the piston 

motion reduces the pressure in the cylinder below atmospheric pressure. The inlet 

valve then opens against the pressures of its spring and allows air to flow into the 

cylinder. When the piston begins its return ( compression ) stroke, the inlet valve 

spring closes the inlet valve because there is no pressure differential to hold the valve 

open. As pressure increases in the cylinder, the valve is held firmly in its seat.

The discharge valve functions similarly. When pressure in the cylinder becomes

greater then the combined pressures of the valve spring and the delivery pipe, the 

valves opens and the compressed air flows into the system.

In short, the inlet valve is opened by reduced pressure, and the discharge valve is 

opened by increased pressure.
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Some piston compressors are double-acting. As the piston travels in a given 

direction, air is compressed on one side while suction is produced on the other side. 

On the return stroke the same thing happens with the sides reversed. In a single-

acting compressor, by contrast, only one side of the piston is active. 

Single-acting compressors are generally considered light-duty machines, 

regardless of whether they operate continuously or intermittenly. Larger double-

acting compressors air considered heavy-duty machines capable of continuous 

operation.

Reciprocating compressors have some disadvantages. Reciprocating piston 

compressors inherently generate inertial forces that shake the machine. Thus, a rigid 

frame, fixed to a solid foundation, is often required. Also, these machines deliver a 

pulsating flow of air that may be objectionable under some conditions. Properly sized 

pulsation damping chambers or receiver tanks, however, will eliminate such 

problems. 

In general, the reciprocating piston compressor is best suited to compression of 

relatively small volumes of air to high pressures.
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Figure 1.3 Ideal compression cycle single stage double acting compressor
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CHAPTER TWO

THE FINITE ELEMENT

2.1 Introduction Of The Finite Element Method 

The limitations of the human mind are such that it can not grasp the behaviour of 

its complex surroundings and creations in one operation. Thus the process of 

subdividing all systems into their individual components or elements, whose 

behaviour is readily understood, and then recuilding the original system from such 

components to study its behaviour is a natural way in which the engineer, the 

scientist, or even the economist proceeds.

In many situations an adequate model is obtained using a finite number of well 

defined components. We shall term such problems discrete. In others the subdivision 

is continued indefinitely and the problem can only be defined using the mathematical 

fiction of an infinitesimal. This leads to differential equations or equivalent 

statements which imply an infinite number of elements. We shall term such systems 

continuous. 

With the advent of digital computers, discrete problems can generally be solved 

readily even if the number of elements is very large. As the capacity of all computers 

is finite, continuous problems can only be solved exactly by mathematical 

manipulation. Here, the available mathematical techniques usually limit the 

possibilities to oversimplified situations.

To overcome the intractability of realistic types of continuum problems, various 

methods of discretization have from time to time been proposed both by engineers 

and mathematicians. All involve an approximation which, hopefully, approaches in 

the limit the true continuum solution as the number of discrete variables increases.
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The discretization of continuous problems has been approached differently by 

mathematicians and engineers. Mathematicians have developed general techniques 

applicable directly to differential equations governing the problem, such as finite 

difference approximations, various weighted residual procedures, or approximate 

techniques for determining the stationary of properly defined ‘functionals’. The 

engineer, on the other hand, often approaches the problem more intuitively by 

creating an analogy between real discrete elements and finite portions of a continuum 

domain. For instance, in the field of solid mechanics McHenry, Hrenikoff, Newmark, 

and indeed Southwell in the 1940s, showed that reasonably good solutions to an 

elastic continuum problem can be obtained by replacing small portions of the 

continuum by an arrangement of simple elastic bars. Later, in the same context, 

Argyris and Turner et al   showed that a more direct, but no less intuitive, subsitution 

of properties can be made much more effectively by considering that small portions 

or elements in a continuum behave in a simplified manner.

It is from engineering ‘ direct analogy ‘ view that the term ‘finite element’ was 

born. Clough appears to be the first to use this term, which implies in it a direct use 

of a sandard methodology applicable to discrete systems. Both conceptually and 

from the computational viewpoint, this is of the utmost importance. The first allows 

an improved understanding to be obtained; the second offers a unified approach to 

the variety of problems and the development of Standard computational procedures.

Since the early 1960s much progress has been made, and today the purely 

mathematical and ‘analogy’ approaches are fully reconciled. It is the object of this 

text to present a view of the finite element method as a general discretization

procedure of continuum problems posed by mathematically defined statements.
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 Figure 2.1 Mesh model of the system

In the analysis of the probems of a discrete nature, a Standard methodology has 

been developed over the years. The civil engineer, dealing with structures, first 

calculates force-displacement relationships for each element of the structure and then 

proceeds to assemble the whole by following a well-defined procedure of 

establishing local equilibrium at each ‘node’ or connecting point of the structure. The 

resulting equations can be solved for the unknown displacements. Similarly, the 

electrical or hydraulic engineer, dealing with a network of electrical components or 

hydraulic conduits, first establishes a relationship between currents and potentials for 

individual elements and then proceeds to assemble the system by ensuring continuity 

of flows.

All such analyses follow a Standard pattern which is universally adaptable to 

discrete systems. It is thus possible to define a standard discrete system, and this 

chapter will be primarily concerned with establishing the processes applicable to 

such systems. Much of what is presented here will be known to engineers, but some 

reiteration at this stage is advisable. As the treatment of elastic solid structures has 
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been the most developed area of activity this will be introduced first, followed by 

examples from other fields, before attempting a complete generalization.

The existance of a unified treatment of ‘standard discrete problems’ leads us to 

the first definition of the finite element process as a method of approximation to 

continuum problems such that

 the continuum is divided into a finite number of parts ( elements ), the 

behaviour of which is specified by a finite number of parameters 

 the solution of the complete system as an assembly of its elements follows 

precisely the same rules as those applicable to standard discrete problems.

It will be found that most classical mathematical approximation procedures as 

well as the various direct approximations used in engineering fall into this category. 

It is thus difficult to determine the origins of the finite element method and the 

precise moment of its invention.

Table 2.1 shows the process of evolution which led to the present day concept of 

finite element analysis.

Table 2.1 Finite element methods
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2.2 The Structural Element And System

            
    Figure 2.2 Finite element structure

Figure 2.2 represents a two dimensional structure assembled from individual 

components and interconnected at the nodes numbered 1 to 6. the joints at the nodes, 

in this case, are pinned so that moments cannot be transmitted.

As a starting point it will be assumed that by separate calculation, or for that 

matter from the result of an experiment, the characteristics of each element are 

precisely known. Thus, if a typical element labelled ( 1 ) and associated with nodes 

1, 2, 3 is examined, the forces acting at the nodes are uniquely defined by the 

displacements of these nodes, the distributed loading acting on the element ( p ), and 

its initial strain. The last may be due to temperature, shrinkage or simply an initial  

‘lack of fit ’.  The forces and the corresponding displacements are defined by 

appropriate components ( U, V and u,v ) in a common coordinate system.

Listing the forces acting on all the nodes ( three in the case illustrated ) of the 

element ( 1 ) as a matrix we have,
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(2.1)

and for the corresponding nodal displacements,

                    

(2.2)

Assuming linear elastic behaviour of the element, the characteristic relationship 

will always be of the form,

                      (2.3 )

in which fp
1 represents the nodal forces required to balance any distributed loads 

acting on the element and fεo
1 the nodal forces required to balance any initial strains 

such as may be caused by temperature change if the nodes are not subject to any 

displacement. The first of the terms represents the forces induced by displacement of 

the nodes.

Similarly, a preliminary analysis or experiment will permit a unique definition of 

stresses  or internal reactions at any specified point or points of the element in terms 

of the nodel displacements. Defining such stresses by a matrix σ1 a relationship of 

the form

                

   (2.4)

is obtained in which the two term gives the stresses due to the initial strains when no 

nodal displacement occurs.
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Relationships in Eqs ( 2.3 ) and ( 2.4 ) have been illustrated by an example of an 

element with three nodes and with the interconnection points capable of transmitting 

only two components of force. Clearly, the same arguments and definitions will 

apply generally. An element ( 2 ) of the hypothetical structure will possess only two 

points of interconnection; others may have quite a large number of such points. 

Similarly, if the joints were considered as rigid, three components of generalized 

force and of generalized displacement would have to be considered, the last of these 

corresponding to a moment and rotation repectively. For a rigidly jointed, three 

dimensional structure the number of individual nodal components would be six. 

Quite generally, therefore,

              

(2.5)

with each qi
e and ai possessing the same number of components or degrees of 

freedom.  These quantities are conjugate to each other.

The stiffness matrices of the element will clearly always be square and of the 

form,

   

(2.6)



16

  Figure 2.3 Coordinates definition 

in which Ke
ii, etc. are submatrices which are again square and of the size l x l , where

l is the number of force components to be considered at each node.

If the ends of the bar are defined by the coordinates xi , yi,and xn , yn its length can 

be calculated as 

      

(2.7)

and its inclination from the horizontal as 

              (2.8)

Only two components of force and displacement have to be considered at the 

nodes.  The nodal forces due to the lateral load are clearly
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                                                      (2.9)

and represent the appropriate components of simple reactions pL/2. similiarly, to 

restrain the thermal expansion εo an axial force ( EαTA ) is needed, which gives the 

components

(2.10)

Finally, the element displacements

                                                         (2.11)

will cause an elongation ( un – ui )cosβ + (vn – vi )sinβ. This, when multiplied by 

EA / L, gives the axial force whose components can again be found. Rearranging 

these in the standart form gives,

  (2.12)
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         (2.13)

The components of the general eq.2.3  have thus been established for the 

elementary case discussed. It is again quite simple to find the stresses at any section 

of the element in the form of relation eq.2.4. For instance, if attention is focused on 

the mid section C of the bar the average stress determined from the axial tension to 

the element can be shown to be,

                                  (2.14)

where all the bending effects of the lateral load p have been ignored.

For more complex elements more sophisticated procedures of analysis are 

required but the results are of the same form. The engineer will readily recognize that 

the socalled ‘slope-deflection’ relations used in analysis of rigid frames are only a 

special case of the general relations.

It may perhaps be remarked, in passing, that the complete stiffness matrix 

obtained for the simple element in tension turns out to be symmetric ( as indeed was 

the case with some submatrices ). This is by no means fortuitous but follows from 

the principle of energy conservation and form its corollary, the well-known 

Maxwell-Betti reciprocal theorem.

The element properties were assumed to follow a simple linear relationship. In 

principle, similar relationships could be established for non-linear materials, but 

discussion of such problems will be held over at this stage.
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2.3 The Standard Discrete System

In the standard discrete system, whether it is structral or of any other kind, we 

find that;

1 – A set of discrete parameters, say ai, can be identified which describes 

simultaneously the behaviour of each element, e, and of the whole system. We shall 

call these the system parameters.

2 – For each element a set of quantities qe
i can be computed in terms of the system 

parameters ai. The general function relationship can be non-linear

                                                          (2.15)

but in many cases a linear form exists giving

                                             (2.16)

3 – The system equations are obtained by a simple addition

                                                     (2.17)

where ri are system quantities. In the linear case this results in a system of equations

                                                     (2.18)

such that

                                       (2.19)

from which the solution for the system variables a can be found after imposing 

necessary boundary conditions.
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The reader will observe that this definiton includes the structural, hydraulic, and 

electrical examples already discussed. However, it is broader. In general neither 

linearity nor symmetry of matrices need exist – although in many problems this will 

arise naturally. Further, the narrowness of interconnections existing in usual elements 

is not essential.

2.4 Direct Formulation Of Finite Element Characteristics

The ‘prescriptions’ for deriving the characteristics of a ‘finite element’ of 

continuum, which were outlined in general terms will now be presented in more 

detailed mathematical form.

   Figure 2.4 Triangular-shaped elements

It is desirable to obtain results in a general form applicable to any situation, but to 

avoid introducing conceptual difficulties the general relations will be illustrated with 

a very simple example of plane stress analysis of thin slice. In this division of the 

region into triangular-shaped elements is used as shown in 2.4 Relationships of 

general validity will be placed in a box. Again, matrix notation will be implied.
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2.4.1 Displacement Function

A typical finite element, e , is defined by nodes, i,j,m, etc. and straight line 

boundaries. Let the displacement u at any point within the element be approximated 

as a column vector 

                                 (2.20)

in which the components of N are prescribed functions of position and ae represents a 

listing of nodal displacement for a particular element.

Figure 2.5 Nodal Displacement

In the case of plane stress, for instance,

                                                               (2.21)

represents horizontal and vertical movements of a typical point within the element 

and

                                                                 (2.22)

the corresponding displacements of a node i. 
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The functions Ni, Nj, Nm have to be chosen so as to give appropriate nodal 

displacements when the coordinates of the corresponding nodes are inserted in 

Eq.2.20. Clearly, in general, 

                                               (2.23)

while

                               (2.24)

which simply satisfied by suitable linear functions of x and y.

If both the components of displacement are specified in an identical manner then 

we can write

                                                  (2.25)

and obtain Ni from Eq. 2.20 noting that Ni = 1 at xi , yi but zero at other vertices. 

The most obvious linear functions in the case of a triangle will yield the shape of 

Ni  of the  form shown in Fig.2.5. The functions N will be called shape functions and 

will be seen later to play a paramount role in finite element analysis. 

2.4.2 Strains

With displacement known at all points within the element the ‘strains’ at any 

point can be determined. These will always result in a relationship that can be written 

in matrix notation as,

                                          (2.26)

where S is a suitable linear operator. Using Eq.2.20, the above equation can be 

approximated as,
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                              (2.27)

with

               (2.28)

or the plane stress case the relevent strains of interest are those occurring in the plane 

or the defined in terms of the displacements by well-known relations which define 

the operator S;

         (2.29)

With the shape functions Ni, Nj and Nm already determined, the matrix B can 

easily be obtained. If the linear form of these functions is adopted then, in fact, the 

strains will be constant throughout the element.

2.4.3 Stresses 

In general, the material within the element boundaries may be subjected to initial 

strains such as may be due to temperature changes, shrinkage, crystal growth, and so 

on. If such strains are denoted by ε0 then the stresses will be caused by the difference 

between the actual and intial strains.

In addition it is convenient to assume that at the outset of the analysis the body is 

stressed by some known system of initial residual stresses σ0 which, for instance, 

could be measured, but the prediction of which is impossible without the full 

knowledge of the material’s history. These stresses can be simply be added on to the 
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general definition. Thus, assuming general linear elastic behaviour, the relationship 

between stresses and strains will be linear and of the form

                                       (2.30)

where D is an elasticity matrix containing the appropriate material properties.

Again, � or the particular case of plane stress three components of stress 

corresponding to the strains already defined have to be considered. These are, in 

familiar notation

                                                                 (2.31)

and the D matrix may be simply obtained from the usual isotropic stress-strain 

relationship

                                  (2.32)

i.e. on solving,

                                                   (2.33)
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2.5 Convergence Criteria

The assumed shape functions limit the infinite degrees of freedom of the system, 

and the true minimum of the energy may never be reached, irrespective of the 

fineness of subdivision. To ensure convergence to the correct result certain simple 

requirements must be satisfied. Obviously,for instance, the displacement function 

should be able to represent the true displacement distribution as closely as desired. It 

will be found that this is not so if the chosen functions are such that straining is 

possible when the element is subjected to rigid body displacements. Thus,the first 

criterion that the displacement function must obey is as follows.

Criterion 1.  The displacement function chosen should be such that it does 

not permit straining of an element to ocur when the nodal displacements are 

caused by a rigid body motion.

This self-evident condition can be violated easily if certain types of function are 

used; care must therefore be taken in the choice of displacement functions.

A second criterion stems from similar requirements. Clearly, as element get 

smaller nearly constant strain conditions will prevail in them. If, in fact, constant 

strain conditions exist, it is most desirable for good accuracy that a finite size 

element is able to reproduce these exactly. It is possible to formulate functions that 

satisfy the first criterion but at the same time require a strain variation throughout the 

element when the nodal displacements are compatible with a constant strain solution. 

Such functions will, in general, not show good convergence to an accurate solution 

and can not, even in the limit, represent the true strain distribution. The second 

criterion can therefore be formulated as follows;

Criterion 2.  The displacement function has to be of such a form that if 

nodal displacement  are compatible with a constant strain condition such 

constant strain will in fact be obtained
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It will be observed that Criterion 2 in fact incorporates the requirement of 

Criterion 1, as rigid body displacements are a particular case of constant strain – with 

a value of zero.  

Criterion 3.  The displacement functions should be chosen such that the 

strains at the interface between elements are finite.

This criterion implies a certain continuity of displacements between elements. In 

the case of strain being defined by first derivatives, as in the plane stress example 

quoted here, the displacements only have to be continuous. If, however, as in the 

plate and shell problems, ‘the strains’ are defined by second derivatives of 

deflections, first derivatives of these have also to be continuous.
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CHAPTER THREE

GAS FORCES

3.1 Thermodynamic Calculations Work Done At The Moving Boundary Of A 

Simple Compressible System

Work can be done by a rotating shaft, electrical work and the work done by the 

movement of the system boundaty, such as the work done in moving the piston in a 

cylinder. We will consider in some detail the work done at the moving boundary of a 

simple compressible system during a quasi-equilibrium process.

                                        
Figure 3.1 Cylinder – Piston System

Consider as a system the gas contained in a cylinder and piston as in Figure 3.1 

Let one of the small weights be removed from the piston, which will cause the piston 

to move upward a distance dL. We can consider this quasi-equilibrium process and 

calculate the amount of work W done by the system during this process. The total 

force on the piston is PA, where P is the pressure of the gas  and A is the area of the 

piston. Therefore the work δW is

δW = PA Dl                (3.1)

But A dL = dV, the change in volume of the gas. Therefore,

δW = P dV       (3.2)
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The work done at the moving boundary during a given quasi-equilibrium process 

can be found by integrating Eq.3.2 However, this integration can be perfomed only if 

we know the relationship between P and V during this process. The relationship may 

be expressed in the form of an equation, or it may be shown in the form of a graph. 

Let us consider a graphical solution first. We use as an example  a compression 

process such as occurs during the compression of air in a cylinder, Fig.3.2 .At the 

beginning of the process the piston is at position 1, and the pressure is relatively low. 

This state is represented on a pressure-volume diagram. At the conclusion of the 

process the piston is in position 2, and the corresponding state of the gas is shown at 

point 2 on the P-V diagram. Let us assume that this compression was a quasi-

equilibrium process and that during the process the system passed through the states 

shown by the line connecting states 1 and 2 on the P-V diagram. The assumption of a 

quasi-equilibrium process is essential here because each point on line 1-2 represents 

a definite state, and these states will correspond to the actual state of the system only 

if the deviation from equilibrium is infinitesimal. The work done on the air during 

this compression process can be found by integrating Eq.3.2

                                                (3.3)

Figure 3.2 P – V  relation during the compression process
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The symbol 1W2 is to be interpreted as the work done during the process fram 

state 1 to state 2. It is clear from examining the P-V diagram that the work done 

during this process,

      (3.4)

is represented by the area under the curve 1-2, area a-1-2-b-a. In these example the 

volume decreased, and the area a-1-2-b-a represents work done on the system. If the 

process had proceeded from state 2 to state 1 along the same path, the same area 

would represent work done by the system. 

Further consideration of a P-V diagram, such as Fig.3.3, leads to another 

important conclusion. It is possible to go form state 1 to state 2 along many different 

quasi-equilibrium paths, such as A,B, or C. Since the area underneath each curve 

represents to work for each process, the amount of work done during each process 

not only is a function of the end states of the process but depends on the path that is 

followed in going from one state to another. For this reason work is called a path 

function or, in mathematical parlance δW is an inexact differential. 

Figure 3.3 P – V  ( Indıcator ) Diagram

This concept leads to a brief consideration of point and path functions or, to use 

an other term, exact and inexact differentials. Thermodynamic properties are point 

functions, a name that comes from the fact that for a given point on a diagram or 
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surface, the state is fixed, and thus there is a definite value of each property 

corresponding to this point. The differentials of point functions are exact 

differentials, and the integration is simply,

                            (3.5)

Thus, we can speak of the volume in state 2 and the volume in state 1, and the 

change in volume depends only on the initial and final states. 

Work, however, is a path function,for, as has been indicated, the work done in a 

quasi-equilibrium process between teo given states depends on the path followed. 

The differentials of path functions are inaxact differentials, and the symbol δ will be 

used in this text to designate inaxact differentials. Thus, for work, we write

      (3.6)

It would be more precise to use the notation 1W2 which would indicate the work 

done during the change from state 1 to state 2 along path A. However, it is implied in 

the notation 1W2 that the process between states 1 and 2 has been specified. It should 

be noted that we never speak about the work  the system in state 1 or state 2, and thus 

we would never write W2 – W1 . 

In evaluating the integral of Eq.3.3 we should always keep in mind that we wish 

to determine the area under the curve in Fig.3.3 . In connection with this point, we 

identify the following two classes of problems.

1. The relationship between P and V is given terms of experimental data or 

in graphical form. Therefore, we may evaluate the integral Eq.3.3 by 

graphical or numerical integration. 

2. The relationship between P and V makes it possible to fit an analytical 

relationship between them. We may then integrate directly
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On common example of this second type of functional relationship is a process 

called a polytropic process, on in which

      (3.7)

throughout the process. The exponent n may possible be any value from - ∞ +∞, 

depending on the particular process. For this type of process, we can integrate Eq.3.3 

as follows

           (3.8)

Note that the resulting Eq.3.8 is valid for any exponent n except n=1. Where n =1,

                    

            (3.9)

and

                                  (3.10)

Note that in Eqs.3.8 and 3.9 we did not say that the work is equal to the 

expressions given in these equations. These expressions give us the value of a certain 

integral, that is,  a mathematical results. Whether or not that integral equals the work 

in a particular process depends on the result of a thermodynamic analysis of that 

process. It is important to keep the mathematical result separate from the 

thermodynamic analysis, for there are many situations in which work is not given by 

Eq.3.3. The polytropic process as described demonstrates one special functional 

relationship between P and V during a process. 
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3.2 Calculation Of Gas Force

A relationship between the volume and the pressure is described as below,

         (3.11)

  K= polytropic index 

On the basis shown in the diagram, on the Fig.3.4 XS, moving distance of the 

piston from the dead center to crank angle θ, is described as below,

         (3.12)

     Figure 3.4 Moving distance of the piston

If inner diameter of a cylinder is D, volume of air inside of the cylinder, Vθ is the 

following

                (3.13)
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ρ is obtained by r/l  . If bottom dead center is described by V1,

                       (3.14)

On the basis of a Formula above, inner pressure of the cylinder, which is a 

variable effected by crank angle θ, is described as below.

We describe pressure at bottom dead center ( suction pressure ) as P1

The angle between Top dead center ( θ = 0 ) and Botton dead center ( θ = π ) is 

sucking process of compressor

Therefore inner pressure of the cylinder should be suction pressure P1

When θ = 0 ≈ π

When θ =  π  ≈  2π

         (3.15)

Load of the Piston is obtained by a formula below: multiplication of the inner 

pressure of the cylinder and the area of the cylinder’s bore

When θ = 0 ≈ π

         (3.16)  
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When θ =  π  ≈  2π

         (3.17)

For the gas force calculation we have to define necessary parameters. We are 

going to  make a calculation for each 6 degrees of the crank angle. Necessary data

are;

D1 = 375 mm ( 1. Stage Diameter )

D2 = 260 mm ( 2. Stage Diameter )

D3 = 120 mm ( 3. Stage Diameter ) 

r = 62.5 mm ( Crank Radius )

l = 380 mm ( Connecting Rod Length )

ρ= 0.16 (  r/l value )

P1 = 1 bar ( 1. Stage Inlet Pressure )

P2 = 4.1  bar ( 2. Stage Inlet Pressure )

P3 = 19  bar ( 3. Stage Inlet Pressure )

Depends on these data, we can make a calculation by using Excel easily. In 

addition first stage of the compressor is double acting. So, while calculating the gas 

forces we have to think top side and bottom side together. In this case, we are going 

to think about the first stage double acting condition as 1st Group and second stage 

and third stage as 2nd Group.We are going to use these gas forces in Ansys dynamic 

load analysis and strength analysis as an input. Depends on gas forces and inertia 

forces we are going to obtain reaction forces in bearings and connections.
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Table 3.1 First stage gas forces
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Table 3.2 Second stage gas forces
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Table 3.3 Third stage gas forces
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CHAPTER FOUR

SLIDER CRANK MECHANISM KINEMATICS

4.1 Introduction

A unique feature of all reciprocating machinery is the peculiar motion of the 

connecting rod linking the piston pin with the crank pin on the crankshaft. Looking at 

the kinematic motion of the system, the piston executes a purely translational motion, 

while the crank pin moves in a completely circular path. This can only be 

accomplished when one end of the connecting rod also moves along a linear path and 

the other end of the rod travels along a circular path. In other words the connecting 

rod has a swinging type of motion to satisfy the paths of the ends. In large 

compressors the forces perpendicular to the line of motion of the piston are 

substantial, and the piston skirt and cylinder walls are not capable of withstanding 

the transverse direction loads. A piston rod, crosshead and guide bar is then used to 

absorb these side loads. The crosshead is then connected with the connecting rod 

through the crosshead pin.

Since the piston moves in a straight line and the crank pin travels along a circular 

path, it is relatively easy to calculate the inertia forces acting on them. Once the 

expression for displacement is obtained, differentiating it with respect to time twice 

will yield acceleration, from which the inertia forces are obtained. In the connecting 

rod, on the other hand, besides the two end points all other points travel in an 

elliptical path, and this requiresa sonsiderable amount of algebraic calculations to 

determine the displacement, acceleration, inertia forces and subsequent integration. 

Fortunataly, however, this is not necessary. If the connecting rod is replaced by 

another structure having the same mass and center of gravity location so that the path 

traveled by the center of gravity is not changed, then the total inertia force of the rod 

is equal to that of the new structure. This follows directly from Newton’s law which 

states that the component of the inertia force of a body in a certain direction equals 

the product of its mass and acceleration of the center of gravity in that direction.
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With the aid of this relationship the problem can be easily solved by distributing 

the connecting rod mass at the reciprocating and rotating ends of the rod, so that the 

center of gravity location and the total weight remain uneffected. This distribution of 

masses of the connecting rod is the same as the one obtained by placing the two ends 

of the connecting rod horizontally above the center of two weight measurements 

scales. Note that this procedure will leave the total weight and center of gravity as in 

the original conencting rod, but it will not represent the inertia characteristics of the 

rod. The implies that the inertia forces calculated using this method will be correct, 

but the moments due to these forces, or the inertia couples, will not be exact. One 

way to obtain greater numerical accuracy is to use a finite element representation of 

the connecting rod.

Figure 4.1 Slider crank mechanism CAD model
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Mathematical expression for displacement, velocity and acceleration for both ends 

of the connecting rod will be developed in order to calculate inertia and gas pressure 

torque loads acting on it, the letter coming from the piston. The loads from the 

connecting rod will then traverse into the crankshaft and on to the drive train. In a 

single cylinder reciprocating machine only one connecting rod will be transmitting 

the loads to the crankshaft, as opposed to a multi-cylinder machine where more then 

one reciprocating mass and connecting rod act on it at a different phase angle. At 

first sight multi-cylinder reciprocating systems may appear very complex, but a 

systematic approach using phase angle relationships between individual firing 

systems can be developed. Once again multi-cylinder machines also come in a 

variety of different configurations, the most common being in line V types. In many 

machines, piston and connecting rod size is identical for the cylinders, which means 

that the reciprocating mass values for all cylinders are the same. On the case of two 

stage V type compressors with an intercooler, however, the cylinder sizes are 

different, resulting in a more elaborate mathematical model to calculate inertia and 

air pressure loads acting on the system components through a full cycle. A large 

variety of other configurations of reciprocating machines exist, each of which can be 

mathematically simulated and analyzed using similar guidelines that will be develped 

next.

4.2 Kinematic Analysis

Let Fig.4.2 represent a piston and crank, and let;

xp =  downward displacement of piston from top

wt  =  crank angle from top dead center

r =  crank radius

l =  length of connecting rod

Assume that w is constant, so the crankshaft is rotating at uniform speed. The first 

objective is to calculate the position of the piston in terms of the angle wt. As the 

crank turns through this angle, distance xp is equal to length DB plus a term due to 
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the fact that the connecting rod has assumed a slanting position as given by the angle 

ϕ. Distance DB is given by r{1 – cos (wt)}. The correction factor is given by AC-BC, 

which is equal to l{1 – cos ( ϕ )}. Angle ϕ can be given in terms of wt by the fact that 

AB=lsin(ϕ)=rsin(wt), or;

           (4.1)

and consequently,

      (4.2)

Thus the exact expression for piston displacement xp in terms of crank angle wt is 

given by the expression;

      (4.3)

Figure 4.2 Slider crank mechanism schematic



42

Due to the square root this expression is not convenient for further calculation. It 

can be simplified by noting that for most reciprocating machines the ratio r/l is of the 

order of 1/4, 

And (r/l)2 is 1/16, so the second term under the square root sign is small in 

comparison to unity. Expanding into a power series and retaining only the first term, 

Eq.4.3 then becomes;

      (4.4)

Further simplification is obtained through the use of trigonometric identities for 

cos(2wt) and sin2(wt) , from which the piston displacement becomes;

      (4.5)

The velocity and acceleration of the piston follow from differentiation of the 

displacement;

      (4.6)
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Table 4.1 Theoretical Displacement-velocity-acceleration calculation result of the slider crank 

mechanism
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Table 4.2  Theoretical displacement of the slider crank mechanism diagram
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Figure 4.3 Ansys displacement result of the slider crank mechanism
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Table  4.3  Theoretical velocity of the slider crank mechanism diagram
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Figure 4.4 Ansys velocity result of the slider crank mechanism
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Table 4.4  Theoretical acceleration of the slider crank mechanism diagram
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Figure 4.5 Ansys acceleration result of the slider crank mechanism
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CHAPTER FIVE

DYNAMIC LOADS

5.1 Dynamic Load Analysis

Figure 5.1 Ansys model of the oil free reciprocating compressor

Before starting the calculations and design, we have to define some criterias for 

the system. We can specify some of the dimensions ( strok, cylinder dia, approximate 

thickness of the parts etc.)  depends on gas calculations and main properties of the 

compressor. We made pre-design for each part with experience and knowladge of the 

Company, on the other hand examination of the same compressors of other 

Companies is useful way to make the pre-design.

We are going to make calculations with using this pre-design. In kinematic 

analysis we are going to obtain displacement, velocity, acceleration and inertia forces 

of the system. In dynamic analysis we are going to calculate reaction forces for each 

joint and connection area under the influence of gas force. In the next chapters we 

are going to use these forces for the strength analysis.
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Figure 5.2 Loading conditions

In figure 5.2 we can see the inputs of the analysis. We defined rotational velocity 

on the flywheel as 104.7 rad/s. Also we applied gas forces which we calculated 

previous chapter to the pistons depends on the rotation direction and phase angle. In 

this analysis our system reached the max. rotational velocity in 9.6 second and than 

keep going working with constant rotational velocity until the end of the analysis. 

For the most available convergence time and value we have to specify step number 

and step time. For the specification of the step time and number our main factor is 

rotational velocity. Our compressor working speed is 1000 rpm. After making the 

necessary calculations, we found our rotational velocity 104.7 rad/s. We need the 

time which is pass during the 1 degree rotation of the crankshaft for specification of 

the step number and time. According to the 1000 rpm rotation speed of the 

compressor, 1 degree rotation of the crankshaft happens in 0.0016666 second. For 

suitable convergence value and time, we prepared analysis with 0.01 second step 

time and with this situation we examined data for each 6 degree rotation of the 

crankshaft. We applied gas forces for each 6 degrees of the crankshaft in 720 degree 

period. Also, we had results for each 6 degrees rotation of the crankshaft.
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5.1.1 Crosshead Loads

Table 5.1  1st Group crosshead load Ansys result
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Figure 5.3   1st group crosshead load Ansys result
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Table 5.2  2nd Group crosshead load Ansys result
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Figure 5.4   2nd group crosshead load Ansys result
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5.1.2 Connecting Rod Loads

Table 5.3  1st Group connecting rod load Ansys result
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Figure 5.5   1st group connecting rod load Ansys result
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Table 5.4  2nd Group connecting rod load Ansys result
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Figure 5.6    2nd group connecting rod load Ansys result
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5.1.3 Bearing Loads

Table 5.5  Pump side bearing load Ansys result
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Figure 5.7    Pump side bearing load Ansys result
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Table 5.6  Flywheel side bearing load Ansys result
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Figure 5.8  Flywheel side bearing load Ansys result
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5.2 Inertia Forces

The inertia force due to the mass of the rotating crank is the same as the resultant 

of all the small inertia forces on the various small parts of the crank. The problem is 

simplified by concentrating the entire rotating crank mass at its center of gravity. 

Next the mass is shifted from the center of gravity to the crank pin A, but in the 

process it is diminished inversely proportional to the distance from the center of the 

shaft, so the inertia force, which in these case is centripetal in nature, remains 

unchanged. In addition, there is the mass of the rotating portion of the connecting rod 

acting at the crank pin, mentioned earlier. The whole crank is thus replaced by a 

single mass mc at the crank pin, and the vertical displacement can be found directly 

from Fig.4.2

      (5.1)

so the vertical components of velocity and acceleration become;

      (5.2)

the horizontal components are;

      (5.3)

The momentum (or inertia force) is obtained from velocity (or acceleration ) , by 

multiplying the expression with the rotating crank mass mc

Next consider the conencting rod. Having divided the connecting rod mass into a 

part moving with the piston ( reciprocating ) and a part moving with the crank pin 

(rotating ), the reciprocating and rotating masses can be represented by mrec and mrot

Thus, mrec  is the total mass of the piston and a portion of the connecting rod, and mrot 

represents the total equivalent rotating mass of the crank pin and the other part of the 

connecting rod. For a cylinder oriented such that the piston executes a path along the 

vertical direction, the vertical inertia force for all moving part is;
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      (5.4)

and the horizontal inertia force is

      (5.5)

Putting it in words, the vertical component of the inertia force consists of two 

parts, a ‘primary part’ equal to the inertia action of the combined reciprocating and 

the rotating masses as if they were moving up and down harmonically with

crankshaft frequency and amplitude r, and a ‘secondary part’  equal to the inertia 

action of mass mrec (r/4l) moving up and down with twice the frequency of the 

crankshaft with the same amplitude r.  The horizontal, or lateral force has only one 

primary part due to the rotating mass.  

The torque due to these inertia forces about the longitudinal axis O also needs to 

be calculated. Recall that to determine the vertical and horizontal forces the 

connecting rod when replaced by two masses at the piston and crank pin gives exact 

results, but for the inertia torques the results thus obtained is no longer exact.  It will 

be correct to an acceptable degree of approximation. Thus, the piston rod and crank 

mechanism is replaced by a reciprocating mass mrec and mrot  rotating uniformly 

about O, so that it has no torque about O.

Multiplying the reciprocating mass by the expression for piston acceleration, and 

ignoring all terms proportional to second or higher powers of r/l, the inertia torque 

becomes;

      (5.6)

This equation fort he inertia torque, acting on the shaft in the direction of its 

rotation, and on the frame about O in opposite direction, is accurate for the usual 

reciprocating machine where the connecting rod design calls for two substantial

bearings at its ends joined by a relatively light stem.
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Table 5.7  Theoretical inertia forces of the slider crank mechanism diagram
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Table 5.8  Theoretical 1st group inertia forces of the slider crank mechanism diagram

1.Group Inertia Force
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Figure 5.9 Ansys 1st group inertia force result of the slider crank mechanism
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Table 5.9 Theoretical  2nd group inertia forces of the slider crank mechanism diagram
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Figure 5.10 Ansys 2nd group inertia force result of the slider crank mechanism
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Table 5.10 Theoretical  inertia forces of the slider crank mechanism diagram

Inertia Forces
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We designed the mass of moving parts for each group approximately the same 

becaues inertia forces for each group must be approximately the same. These 2 

groups inertia forces follow each other with an specific phase angle. For V type 

compressors phase angle between 2 group is 90o. In table 5.10 we can examine phase 

angle. 

We can confirm our theoretical calculations with Ansys analysis results. If we 

compare our theoretical results with Ansys analysis result, we noticed that our 

calculation result and ansys results are alike. In these situation we can verify our 

design in respect of kinematic and dynamic conditions.
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CHAPTER SIX

DESIGN AND CALCULATIONS

6.1 Reciprocating Compressor Components Designs And Calculations

Reciprocating piston compressor can come in two basic configurations. The 

simplest is a piston in a cylinder, directly driven from a crankshaft by a connecting 

rod attached to the piston by a wrist pin. This single acting piston can only compress 

gas on one face, and any leakage past the rings will go into the crankcase. Other type 

of reciprocating piston compressor is Double acting. In this type, the crankshaft 

drives a connecting rod which transmits force through a crosshead pin to a crosshead, 

moving in a slide. This converts the eccentric motion of the connecting rod to a pure 

linear force. A compressor rod connected to the crosshead transmits force to the 

compressor piston. So, the cylinder can be sealed on both ends, with the rod passing 

through a packing case to seal gas from leaking.

All of the components designed with Pro Engineer CAD program. We designed 

all components according to the information which we gained in previous results and 

results of the ANSYS calculations. We have some parameters for optimum design 

such as thickness, lenght, diameter etc. These parameters not only have to be 

optimum values for strength but also we have to think the economical conditions.  

Figure 6.1 Cross-section view of the compressor
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6.2 Safety Factor

Before examination of the design we have to specify the safety factor.  A safety 

factor was originally a number which the ultimate tensile strength of a material was 

divided in order to obtain a value of “working stres” or “ design stress”. These design 

stresses, in turn, were often used in highly simplified calculations that made no 

allowance for such factors as stress concentration, impact, fatigue, difference 

between properties of the material in the standart test specimen and in the 

manufactured part, and so on.  The part must be designed to withstand a “design 

overload” somewhat larger than the normally expected. Recommended values for 

safety factor;

1 – SF= 1.25 to 1.5 for exceptionally reliable materials used under controllable 

conditions and subjected to loads and stresses that can be determined with certainty 

used almost invariably where low weight is a particularly important consideration.

2 –SF= 1.5 to 2 for well-known materials, under reasonably constant environmental 

conditions, subjected to loads and stresses that can be determined readily.

3 – SF= 2 to 2.5 for average materials operated in ordinary environments and 

subjected to loads and stresses that can be determined.

4 – SF= 2.5 to 3 for less tried materials of for brittle materials under average 

conditions of environment, load and stresses.

5 – SF= 3 to 4 for untried materials used under average conditions of environment, 

load and stresses

6 – SF= 3 to 4 should also be used with beter-known materials that are to be used in 

uncertain environments or subjected to uncertain stresses.

7 – Repeated Loads = the factors established in items 1 to 6 are acceptable but must 

be applied to the endurance limit rather than to the yield strength of material.

8 – Impact Forces =  the factors given in items 3 to 6 are acceptable, but an impact 

factor should be included

9 – Brittle Materials = where the ultimate strength is used as the theoretical 

maximum, the factors presented in items 1 to 6 should be approximately doubled
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10 – Where higher factors migth appear desirable, a more thorough analysis of the 

problem should be undertaken before deciding on their use.

Depends on our system working conditions we have to consider the repeated loads 

conditions and choose safety factor between 1 to 6. We are using well-known 

materials with constant loading and environment conditions. Because of these 

situation we choose safety factor as 3.  

6.3 Fixed Part Designs And Calculations

6.3.1 Cylinder And Ends

The compressor cylinder is a casting or forging designed to safely contain some 

maximum working pressure. It is machined to hold compressor valves and to direct 

gas flow to and from the cylinder cavity. In combination with the cylinder ends, it 

must contain the gas pressure, while having sufficiently large gas flow passages so 

there are minimal pressure drops due to gas flow. The cylinder and ends may also 

have water passages to stabilize temperature and dimensional changes. All these 

requirements involve compromises betweem size, strenght and efficiency. 

Compressor cylinders are designed for some operating range and service. If 

conditions change, they may not perform reliably or efficiently. 

Figure 6.2 Cross-section view of the double acting cylinder and other parts
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A typical double acting cylinder like that shown in figure 6.2 consist of a barrel, 

usually water jacketed, with a front and rear head. In some designs the rear head is an 

integral part of the cylinder barrel, in others it is a separate, bolted piece as shown. 

These heads are also water cooled to remove heat of compressor. Cylinder may be 

double acting, that is, compressing on both sides of the piston, or single acting, 

compressing at either head or crank end but not both.

Figure 6.3 High pressure cylinder cross-section view

High pressure cylinders as shown in figure 6.3 , are made from steel forging, with 

only nominal water cooling as compared to the other cylinders. Because the smallest 

possible number of opennings in the forging is desired, capacity control mechanisms 

are not normally provided. Tie bolts may be installed perpendicular to the bore top 

re-stress the forging, decreasing the maximum tensile stress induced by the gas 

pressure. Valve ports are finished to a highly polished surface, which reduces the 

maximum tensile stresses.

Before starting the cylinder design calculation, we have to consider some 

parameters. Cylinder single acting or double acting? What kind of cooling system we 

should use? Water or oil? What is the stroke value? What is the working pressure and 

temperature for the compressor? 



65

In our system, all of the cylinders has water cooling system and stroke value is 

125 mm. First stage  is double acting, second and third stage are single acting and 

our working conditions,

1st Stage :  4 bar – 200 oC

2nd Stage :  18 bar – 200 oC

3rd Stage :  40 bar – 160 oC

According to these parameters we can make calculations for our design. For water 

cooling system we have to design water channels around the air channels. So, this 

water and air channels wall thickness must have enough strength values against 

working pressure and working temperature. We determined our material as EN-GJL-

250. 

Figure 6.4 1st stage cylinder temperature distribution
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Figure 6.5 1st stage cylinder stress distribution

Figure 6.6 1st stage cylinder stress distribution
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In Figure 6.4 we can examine the temperature distribution for the first stage 

cylinder. Our input values are 200 oC inside the air channels and 50 oC inside the 

water channels. Then we used these temperature results in strength analysis as an 

input. The other input value for strength analysis is 4 bar pressure inside the air 

channels. Figure 6.5  and Figure 6.6 are the results of the strength analysis. With 

these results we can examine the stress distribution with colors.  We identified 

yielding strength value for EN-GJL-250 material as 250 MPa. 

After the examinations of the results, we decided that our first stage cylinder 

design has optimum properties for the system. We are going to apply the same 

procedure to the second and third stage cylinders with different pressure values. 

Pressure values are 20 bar for the second stage and 40 bar for the third stage.  After 

the examination of Figures 6.7 – 6.8 – 6.9 – 6.10 – 6.11 – 6.12 we decided that, our 

second and third stage cylinder design has enough strength depends on working 

conditions.

Figure 6.7 2nd stage cylinder temperature distribution
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Figure 6.8 2nd stage cylinder stress distribution

Figure 6.9 2nd stage cylinder stress distribution
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Figure 6.10 3rd stage cylinder temperature distribution

Figure 6.11 3rd stage cylinder stress distribution



70

Figure 6.12 3rd stage cylinder stress distribution

6.3.2.Liners

Liners and sleeves are used in compressor cylinders either to form the cylinder 

wall or to be a removable part of the cylinder in case of accidental or wear over a 

long period of service.In general, liners are not used in low or mediu pressure 

cylinders where the gas being handled is non-corrosive, such as air. Liners are almost 

always used in medium to high pressure cylinders where the gas being handled is 

corrosive.

Certain industry users insist on liners in their compressors. Liners have become 

standart design for certain industry applications, even though the gas involved may 

be non-corrosive and medium pressure or with low differentials.  It follows that a 

liner which increases the initial cost of compressor cylinder is more economical to 

replace then the complex cylinder casting. Another application of the liner is to 

reduce the cylinder bore size to meet certain capacity conditions. By installing liners 
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with different bore sizes, the same cylinder casting can be used to accommodate a 

range of capacity and pressure conditions.

Figure 6.13 Cylinder liner

6.3.3 Crankcase

Design of the crankcase has more different parameters than the other components. 

In the other components design strength properties is more important than the 

geometrical properties. But during the crankcase design geometrical properties have 

greater importance . Because we set the distance and stroke values with the geomerty 

of crankcase. In addition there must be enough space inside the crankcase for the 

working of crank and connection rod comfortably.  

On the other hand, we have to calibrate width of the crankcase sensitively because 

during the working, all of the components must be in the same axis. For this reason 

we have to identify the distance and clearance of the bearings in a sensitive way. 

For the strength properties of the crankcase must carry all of the components so it 

must have enough strength against the bending conditions. 
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By using all of these parameters we can make a pre-design and calculations. For 

the ansys analysis we have to specify loading conditions. In this analysis we applied 

bending moment to the right top and the left top of the crankcase. Weight of the 

cylinders and other parts form the bending moments. 

Figure 6.14 Crankcase stress distribution

We identified yielding strength value for EN-GJL-250 material as 250 MPa. In 

Figure 6.14 we can examine the stress distribution caused by bending moment 

loading. After the ANSYS stress calculation we decided that our crankcase design 

has enough strength values. Alongside, we made assambly with Pro-Engineer for 

examination of geometrical properties.  Depends on these parameters we reached a 

conclusion that our crankcase design has acceptable properties for the system.
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6.4 Moving Parts Design And Calculation

We seperated the complete moving system into three parts for the optimum 

calculation values and times.  We applied gas forces, rotational velocity or 

displacement values to the these seperate systems directly as an input and inertia 

forces are applied automatically by ANSYS. As a result of these loading conditions 

we can create the system as real as possible. 

We calculated gas forces in chapter 3rd and also we calculated and compared 

inertia forces in chapter 5th. We used these forces directly also  for these time 

dependent analysis we have to define rotation or displacement to the systems. In

figure 6.17 we can examine the crankshaft – connecting rod – crossheads group. For 

this group we defined 1000rpm ( 104.7 rad/s ) rotational speed as an input. In figure 

6.15 and 6.16 we can examine the piston-piston rod - crosshead connections group. 

For this analysis we defined 125mm. strok values as an input. We defined these 

loads, rotations and displacement as time variable. With this situation we can 

calculate exact force, stresses, deformation etc. values according to the exact 

positions. Now, we can examine all calculated values and use them in our design 

process. We are going to design moving parts 3 times bigger stress conditions 

because of the safety factors selection. 

Figure 6.15 1st Group Ansys loading conditions
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Figure 6.16 2nd Group Ansys loading conditions

Figure 6.17 Slider – Crank system Ansys loading conditions
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6.4.1 Crosshead

The crosshead guides the piston rod and transfers the side thrust to the guides. The 

side thrust comprises one component of the force acting along the connecting rod and 

in horizontal machines the weight of a part of the piston rod or of the piston. The 

crosshead at the same time transmits the axial force from the piston rod to the 

connecting rod. The force is transmitted to the pin about the axis of which the 

connecting rod oscillates.

There are two principal types of crossheads; crossheads supporting the pin, termed 

fork type ( Fig.6.18 a ), or pear-type ( Fig6.18 b ), and crossheads with a bearing.

Figure 6.18 Principal types of crossheads. fork type (left), pear type (rigth)

The guading of the crossheads is either double-sided or one sided. If one sided, 

the smaller component of the connecting rod force, directed away from the main 

guide, is normally taken up either by two lateral slide bars, or one slide bar of U-

profile in the centre of the crosshead. One sided slide bars are found mainly in large 

machines. In both cases, the guiding surfaces may be either cylindrical or plane.

All forces acting on crossheads with the connection of piston rod and connecting 

rod directly. Crossheads must have enough strength against this total force. 

Expecially, crosshead bolts are exposed to big tensile and compression stresses.  On 

the other hand, during the working there is face to face contact between crosshead 
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and crosshead cylinder and the gap between these two part must be as small as 

possible. In this situation, during the design process we have to consider these gaps 

for the optimum lubrication and working without impact. We have to choose 

crosshead material more softer than the cylinder material. In Figure 6.18 we can 

examine the stress distribution for the crosshead.  After the examination of stress 

distribution, our crosshead design has enough strength properties for these working 

conditions. After production and assembly, we can examine the necessary design 

gaps for the optimum lubrication. 

Figure 6.19 Crosshead stress distribution
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Figure 6.20 Crosshead stress distribution

6.4.2 Piston Rod

The piston rod transmits the force from the crosshead to one piston or several 

pistons in line, or inversely transmits the force from the piston to the crosshead. 

Like other components in the modern reciprocating compressor, the piston rod is 

designed for specific applications such as,

 Operating pressures

 Gas composition

 Capacity

 Rotating speed
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Piston rods incorporate diameter, lenght, material, composition and fastening 

arrangements as dictate by both the operating conditions of the compressor and the 

design of the piston to which they are connected.

         Figure 6.21 Different types of piston rods used in reciprocating compressor. 

Types of piston rods

Single Piston rods, this is the most common type. It contains a single piston.

Tandem Piston Rod, This is a piston rod on which two or more pistons are 

mounted in tandem. This is used where loading is low so that the combined loading 

does not exceed the allowable frame load.

Piston Rod for Truncated Cylinder. This is a special configuration which 

accomodates the truncated cylinders.

Tail Rod. In these arrangement, the piston is in the center of the pistonrod and the 

rod is the same diameter on both sides of piston. This prevents non-reversal loading 

due to equal areas and equal pressures on both sides of the piston.

Cooled Piston Rod. This rod is drilled through the center axis to allow pressure 

fed coolant, usually oil to circulate uo the rod core. Such circulation helps to remove 

the heat of compression from rod and piston.
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Figure 6.22 1st group piston rod stress distribution 

Figure 6.23 2nd group piston rod stress distribution  
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Figure 6.24 1st group piston rod buckling effect. 

In Figure 6.22 and 6.23 we can understand that the stress distribution on 1st stage 

piston rod and 2nd-3rd stage piston rod. Because of the safety factor we have to use 3 

times bigger stress values. On the other hand we have to consider endurance stress 

for the material during the examination. We used special Carbon alloy steel for the 

piston rods. Endurance stress limit of this steel is 600 MPa. Depends on material 

properties, safety factor and stress values of our piston rod design has enough 

strength. On the other hand, buckling is the another effect for the piston rod. We 

made buckling analysis with the Ansys buckling module. For these analysis we have 

to define connection and load. In our system piston rod has a fix connection with 

crosshead and has a translation with piston. Also we applied gas forces to the piston 

rod. In Figure 6.24  we can examine the buckling effect. At the end of the analysis 

we found load multiplier as 2,1. 
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6.4.3 Piston

The main requirement of a piston is good sealing of the cylinder. The second is 

that the weight of the piston and the entire crank mechanism is a minimum, 

particularly for high speed machines, in order to reduce the inertia forces and to 

improve the mechanical efficiency. In horizontal machines a small piston weight 

reduce the risk of its seizing.

The design and materials used for compressor pistons will vary with the make, 

type and application of the compressor. They are designed to take into account a 

number of conditions:

 Cylinder bore diameter

 Discharge pressure

 Compressor rotative speed

 Compressor stroke

 Required piston weight

Compressor pistons are typically designed as one of three types:

One piece, either solid cast iron or steel, for small bores and high pressure 

differential applications, or one piece hollow-cored cast iron or aluminum for large 

diameter and lower pressures.

Two piece, aluminum or cast iron, which is split for ease of hollow casting and 

weight control. These are generally used above 10” bore diameters. Aluminum is 

used when the reciprocating weight must be reduced

There piece, in which a ring carrier is added to permit band-type rider rins to be 

installed directly into the piston grooves. While this design adds a part, it allows 

thicker rings to be used since the ring does not have to be streched over the outside 

diameter. Is is also used as a carrier for the piston rings on large diameter pistons, 

where metallic rings are used which might wear into an aluminum piston.
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Figure 6.25 Types of pistons used in reciprocating compressors. 

Piston Materials

Material selection for pistons is very important, and many factors must be 

considered. Some of these include,

 Weight

 Strenght, for differential pressure and inertia forces

 Corrosion resistance

 Compression and rider ring wall wear resistance

 Outside diameter wear resistance

In the first and second stage we used special aluminyum alloy as a piston material. 

But for the third stage we decided to use carbon steel because of the high pressure 

values. We added material properties for these materials in appendix. If we examine 

material properties, all of the piston have enough strength properties under these 

working conditions taking into consideration the safety factor. On the other hand, 

gaps and seat clereance of the rings are so important for the optimum performance. 

After the assembly and during the tests we are going to examine the gaps and 

clereance for the piston and piston rings. 

In figure 6.15 and 6.16 we can see the loading condition of the system. Depends 

on these loading conditions we obtained stress distribution on pistons such as Figures 

6.26 , 6.27 , 6.28 , 6.29 , 6.30 , 6.31.  After the examination of these stress 

distributions on the pistons, we verified that our pistons have enough strength 

properties under these working conditions and safety factor.
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Figure 6.26 1st stage piston stress distribution. 

Figure 6.27 1st stage piston stress distribution.
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Figure 6.28 2nd stage piston stress distribution. 

Figure 6.29 2nd stage piston stress distribution. 
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Figure 6.30 3rd stage piston stress distribution. 

Figure 6.31 3rd stage piston stress distribution. 
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6.4.4 Connecting Rods

The connecting rod connects the crank pin with the crosshead pin or with the 

gudgeon pin. Its principal parts are; the shank and two ends, i.e. the crank end ( big 

end ) and the crosshead end or piston end ( small end ). The crosshead or piston end 

is normally closed. The crank end need not be split in machines with an overhung 

crank or with a composite crankshaft. Otherwise, the crank end must as a rule be 

split. In large motors, or in cases where variations of the length of the connecting 

roda re required, one or both ends are detachable from the shank. An advantage of 

this design is the possibility of using a direct babbitt lining of the end without using a 

bush, reducing the weight and at the same time improving heat dissipation. 

Detachable ends are often made of cast steel. Otherwise, cast steel is considered to be 

an unsuitable material for connecting rods due to its low strength under alternating 

stress conditions.

The shape of the connecting rod is influenced, on the one hand by its purpose and, 

on the other hand by the manufacturing procedure. The cross section of the shank is 

normally circular ( Figure 6.32 a ) if produced in small batches. In these case the 

connecting rod is machined from a forging blank.

Figure 6.32 Connecting rod cross-sections 
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For high-speed machines the circle is either flattened at the sides ( Figure 6.32 b )

or a rectangular profile is selected  ( Figure 6.32 e ) . For machines of very high 

speed the shank is milled into an I-section ( Figure 6.32 c ) or the circular shank of 

the connecting rod is bored ( Figure 6.32 d ) . In the manufacture of larger quantities, 

the connecting rods are die-forged an usually I- or H-shaped ( Figure 6.32 f ) . In 

these case the shank is not machined, the seam formed between the dies is removed 

by hand.

As a rule the length of the connecting rod of stationary machines lies between 4 or 

6 r ( r being the radius of the crank circle ).  For high speed machines a shorter 

connecting rod is selected. If the length of the machine is to be small, a forked 

connecting rod is used with the crosshead pin fixed into the eyes. The bearing may 

be placed in the crosshead, or two pins are forged integral with the crosshead body 

and both crosshead ends of the forked connecting rod are split or detachable.

We chose our connecting rod material as EN-GJS-600-3, on the other hand we 

chose the cross-section as H-shaped. Depend on these selections and loading 

conditions in fig.6.17, we got stress distribution on the connecting rod as fig.6.33. 

According to the material properties and safety factor our connecting rod has enough 

strength properties. Besides, our connecting rods under the influence of buckling 

conditions. We made buckling analysis with using Ansys buckling module. In 

fig.6.34 we can examine the buckling stress distribution and load multiplayer. Our 

max. stress value under the buckling conditions is 43.6 MPa and our load multiplayer 

is approximately 3. In this case our connecting rod material has also enough strength 

under the buckling conditions.
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Figure 6.33 Connecting rod stress distribution

Figure 6.34 Connecting rod buckling stress distribution 
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6.4.5 Crankshaft

The crankshaft, sometimes casually abbreviated to crank, is the part of 

an engine which translates reciprocating linear piston motion into rotation. To 

convert the reciprocating motion into rotation, the crankshaft has "crank throws" or 

"crankpins", additional bearing surfaces whose axis is offset from that of the crank, 

to which the "big ends" of the connecting rods from each cylinder attach.

It typically connects to a flywheel, to reduce the pulsation characteristic of 

the four-stroke cycle, and sometimes a torsional or vibrational damper at the opposite 

end, to reduce the torsion vibrations often caused along the length of the crankshaft 

by the cylinders farthest from the output end acting on the torsional elasticity of the 

metal.

Crankshafts can be forged from a steel bar usually through roll forging or cast in 

ductile steel. Today more and more manufacturers tend to favor the use of forged 

crankshafts due to their lighter weight, more compact dimensions and better inherent 

dampening. With forged crankshafts, vanadiummicroalloyed steels are mostly used 

as these steels can be air cooled after reaching high strengths without additional heat 

treatment, with exception to the surface hardening of the bearing surfaces. Cylinder 

create pulsating compression forces and vibratory torque on the crankshaft with 

peaks that can exceed the average compressor horsepower torque by up to five times. 

The crankshaft design must be conservative to withstand these crank effort and 

vibratory stresses. For compressors over a small size of about 150 KW per crank, the 

crankshafts should be forged steel. 

The cranks are arranged with equal angles between each crank to provide 

optimum unbalanced forces and the smoothest overall crank effort torque. Even-

number crankthrow units are arranged with 180o opposed pairs of cranks to cancel 

out inertia forces, odd number crankthrow units required special crank angle layout 

or dummy crossheads. 

For some engines it is necessary to provide counterweights for the reciprocating 

mass of each piston and connecting rod to improve engine balance. These are 
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typically cast as part of the crankshaft but, occasionally, are bolt-on pieces. While 

counter weights add a considerable amount of weight to the crankshaft, it provides a 

smoother running engine and allows higher RPMs to be reached. We are going to 

examine balancing next chapters. 

We chose EN-GJS-600-3 as our crankshaft material because of the advantages of 

the material. After the Ansys stress calculation, we obtained stress distribution as 

fig.6.36 and fig.6.37. Depends on these results and safety factor our crankshaft has 

enough strength properties, but we have to verify our bearing dimensions, 

counterweigth etc. after the assembly and tests.  

Figure 6.35 Crankshaft 
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Figure 6.36 Crankshaft stress distribution

Figure 6.37 Crankshaft stress distribution 
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6.4.6 Valves

Compressor valves are simply fast acting check valves with a low pressure drop. 

They must be optimized to balance the opposing demands for long operating life and 

minimal pressure drop/flow loses. They may also have special features such as center 

ports to allow cylinder unloading.

The compressor valve is possibly the most critical component when determining 

the requirements for compressor service. The flow area is sensitive, as too small an 

area will give low efficiency, but too large area can result in valve flutter and early 

failure. Similarly, valve components must be designed for the expected pressure and 

temperature conditions.

Valves have been designed with many configurations, particularly in the sealing 

elements. These have progressed through steeli bakelitei glass filled Teflon or Nylon, 

and high strenght plastics. 

Figure 6.38 Compressor valves ( Hoerbiger Company ) 
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6.4.7 Rings And Packings

The compressor packing is a series of pressure containing rings located in the 

crank end of a doubleacting compressor cylinder. These seal against the piston rod 

and prevent leakage, so that the cylinder can compress gas on both sides of the 

piston. Again, as with compressor rings, the packing material is selected to provide 

best life and sealing with expected conditions. The packing generally pressure 

lubricated, and may have coolant flow to remove friction heat. There are also various 

specialty types to reduce gas leakage around the rod.

Figure 6.39 Pressure packing ( Hoerbiger Company ) 

Most process units today are equipped with Teflon (PTFE) or other high-

performance polymer piston rings. Normally, two or three single-piece diagonal-cut 

rings without expanders are used. For some high-pressure applications ( over 300 

atm absolute ) three-piece bronze segmental rings are used. Also, for some 

nonlubricated applications other special plastics or high-performance polymers have 

been used. For many lubricated and all nonlubricated applications,TFE rider rings are 

used. The rider rings support the weight of the piston and piston rod. Rider rings may 

be split type, located in the center of the piston, or band type,stretched onto the 

piston. 

Figure 6.40 Piston ring ( Hoerbiger Company )
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6.5 Chassis

In compressor system all of the parts such as, compressor unit, heat exchangers, 

seperators, motor and all of the air end water piping systems are carried by chassis. 

In this situation compressors chassis must have enough strength to carry of all parts 

weigth. Along with this, chassis is exposed dynamic loads which is the sum of the 

total gas force and inertia forces. 

In general, chassis are designed with I or U profiles. We designed our chassis with 

I profile and the material of this I profile is St37-2 steel. By using Ansys, we can 

calculate the total forces which is acting through crankcase to chassis. Also we can 

obtain all of the weigths with Pro-Engineer 3D data. In fig.6.41 we can examine the 

loading conditions on the chassis. But we have to consider that we can not put down 

the chassis directly to the ground. 

Figure 6.41 Chassis reaction forces 
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Figure 6.42 Air springs technical specifications 
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Actually, in our system all of the weigths and loads are carried by air springs.  Air 

springs is a type of vehicle suspension powered by an engine driven or electric air 

pump or compressor. This pump pressurizes the air, using compressed air as a spring. 

Air suspension replaces conventional steel springs. Besides, we can use air springs as 

vibration dampers. In fig.6.42 we can see the technical data of the air springs. 

Depends on the loading we have to choose the most suitable air spring for our 

system. Total load is approximately 150000 N . In this situation, we decided to use 6 

air springs. As a result of this decision, we have to pressurize our air spring with 4 

bar. Depends on this selection our spring rate is 32900 N/mm.  

For the Ansys calculation we have to define these spring rates to the system. As a 

mathematical model we can apply springs to the chassis and specifiy these springs 

with spring rate and damping ratio. After these specifications, we applied forces and 

weigth loads to the chassis. In fig.6.43 we can see all of the loads and springs and in 

fig.6.44 we can examine the stress distribution on chassis. Depends on this stress 

distribution our chassis design has enough strength. 

Figure 6.43 Chassis loading conditions 
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Figure 6.44 Chassis stress distribution 
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CHAPTER SEVEN

BALANCING OF ROTATING MACHINES

7.1 Introduction

The presence of an eccentric or unbalanced mass in rotating disc causes vibration, 

which may be acceptable up to a certain level. Table 7.1 is a vibration-severity chart 

that can be used to determine acceptable vibration levels at various frequencies or 

operating speeds. If the vibration caused by an unbalanced mass is not acceptable, it 

can be eleminated either by removing the eccentric mass or by adding an equal mass 

in such a position that it cancels the effect of  the unbalance. In order to use this 

procedure, we need to determine the amount and location of the eccentric mass 

experimentally. The unbalance in practical machines can be attributed to such welds

Table 7.1 Vibration severity chart
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The essential moving elements of a reciprocating engine are the piston, the crank 

and the connecting rod. Vibrations in reciprocating engines arise due to periodic 

variations of the gas pressure in the cylinder and inertia forces associated with 

moving parts. We shall now analyze a reciprocating engine and find the unbalanced 

forces caused by these factors.

7.2 Balancing Calculations

7.2.1 Unbalanced Forces Due to Fluctuations in Gas Pressure

Fig.7.1 is a schematic diagram of a cylinder of a reciprocating engine. The engine 

is driven by the expanding gas in the cylinder. The expanding gas exerts on the 

piston a pressure force F, which is transmitted to the crankshaft through the 

connecting rod. The reaction to the force F can be resolved into two components; one 

of magnitude F/cosφ, acting along the connecting rod, and the other magnitude 

F/tanφ, acting on a horizontal direction. The force F/cosφ induces a torque Mt which 

tends to rotate the crankshaft.

Mt = ( F / cosφ ) r cosϴ       (7.1)

Figure 7.1 Slider crank mechanism 
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For force equilibrium of the overall system, the forces at the bearings of the 

crankshaft will be F in the vertical direction and F tanφ in the horizontal direction.

Thus the forces transmitted to the stationary parts of the engine are;

1. Force F acting upwards at the cylinder head

2. Force F tanφ acting toward the right at the cylinder head

3. Force F acting downward at the crankshaft bearing Q

4. Force F tanφ acting downward the left at the crankshaft bearing.

Although the total resultant force is zero, there is a resultant torque MQ = F h tanφ 

on the body of the engine, where h can be found from the geometry of the system;

h = ( r cos ϴ ) / ( sin φ )       (7.2)

thus the resultant torque is given by;

MQ = ( F r cosϴ ) / ( cosφ )       (7.3)

7.2.2 Unbalanced Forces Due to Inertia of the Moving Parts

We have already calculated the displacement, velocity and acceleration of the 

piston and crankpin in chapter five. By using these calculation we also calculated the 

inertia forces. 

7.3 Balancing Of V Type Compressor

For the compressor system we can neglect the fluctuation forces. In this situation 

we just balanced the rotating and reciprocating inertia forces. For the balancing of 

the system we are going to use counterweigth on the crankshaft. Calculation of the 

counter-weigth depends on two parameters;
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1 ) Centrifugal force, which consist of the rotating unbalanced masses

2 ) Mass forces, which consist of reciprocating unbalanced masses.

7.3.1 Centrifugal forces

For the calculation of counter-weigth against the centrifugal forces, we have to 

consider the mass of the crankshaft eccentric part  and the reduction mass of the 

connecting rod to the crankshaft. 

Depends on these masses;

Mcw,rot = Mrot ( r / rcw ) = ( mce + (rccr / r ) mccm + mcr ( l2 / ( l1 + l2 ))) ( r/rcw )         (7.4)

Figure 7.2 Crankshaft unbalanced masses 

To obtain the necessary unbalanced mass, we used Pro-Engineer CAD program. We 

create every part of the crankshaft obtain the necessary masses and center of gravity 

of all parts.
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Figure 7.3 Counter weigths of the crankshaft 

Figure 7.4 Crankshaft cheeks 
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Figure 7.5 Crankshaft pin 

7.3.2 Reciprocating Masses Force

During the examination of the reciprocating masses we have to consider, 

connecting rod, piston rod, piston and all other connection parts. Calculation of the 

counter weigth which balanced these masses;

Mcw,rec = ½ mrec ( r / rcw )       (7.5)

mrec = Total reciprocating mass

After the calculation of Mcw,rot and Mcw,rec , we can reach the exact Mcw with the sum 

of the Mcw,rot and Mcw,rec

Mcw =  Mcw,rot + Mcw;rec = ( Mrot ( r / rcw ) ) + (½ mrec ( r / rcw ))       (7.6)
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Figure 7.6 Connecting rod mass distribution 

We have to calculate reduction mass of the connecting rod to the piston pin and 

crankshaft. We seperate total mass into two parts. 

mcr,rot = mcr ( l2 / l )       (7.7)

mcr,rec = mcr ( l1 / l )       (7.8)

  

l1 = 127mm   l2 = 253mm   ltotal = 380   mcr = 16.5kg

hence;

mcr,rot =  11 kg

mcr,rec =  5.5 kg
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For our system all the necessary masses and radius are;

Total Reciprocating mass (mrec ) = 58,128 kg

Crankshaft eccentric mass (mce )  = 12,7 kg

Crankshaft cheek mass (mccm ) = 8 kg

Rotation mass of the connecting rod (mcr,rot )  = 11 kg

Reciprocating mass of the Connecting rod (mcr,rec ) = 5.5 kg

Crankshaft radius ( r ) = 62.5 mm

Counterweigth radius  ( rcw ) = 107 mm

Crankshaft cheek radius (rccr ) = 54 mm

Depends on these masses and radius,

Total rotating unbalanced mass = mce + mccm + 2(mcr,rot ) = 42.7 kg

Total Reciprocating mass = 2(mrec + mcr,rec )=  127.256 kg

If we use the mass and radius data in Eq.7.6, we calculate the necessary counter-

weigth 62.1 kg. Our current counter-weigth is 55.5 kg. In this situation we have to 

add 6.6 kg to the our counter-weigth without changing the center of gravity in 

vertical direction.

  



106

CHAPTER EIGTH

FLYWHEEL DESIGN

8.1 Uses And Characteristics Of Flywheel

Flywheels are rotating masses installed in rotating systems of machine elements to 

act as a storage reservior for kinetic energy. Usually the primary task of a flywheel is 

to control, within an acceptable band, the angular velocity and torque fluctuations

inherent in the power source, the load or both. Fig.8.2 illustrates the superposed 

torque versus angular displacement curves for a compressor.

    Figure 8.1 Flywheel connection 

Figure 8.2 Torque – Angular velocity diagram

By definition, the driver torque, Td is considered to be positive when its sense is in 

the direction of shaft rotation and the driver is supplying energy to the shaft-flywheel 

system. The load torque Tl is considered to be positive when its sense is in the 

direction of rotation and the shaft-flywheel system is supplying energy to the load. It 

my be noted during increments of time when the supplied torque exceeds the 

required load torque, the flywheel mass is accelerated and additional kinetic energy 

is stored in the flywheel. During increments of time when the required load torque
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exceeds the supplied driver torque, the flywheel mass is decelerated and some of the 

kinetic energy in the flywheel is depleted.

Figure 8.3 Torque – Angular displacement diagram

When the operational mission of a machine system is dependent upon restricting 

the speed or torque fluctuations to lie within a defined control band, it is possible to 

estimate the mass moment of inertia and rotation flywheel speed required to 

accomplish the task. Since all real machine elements have mass, the ‘flywheel effect’

from each significant rotating mass in the system must also be incorporated in the 

pertinent calculations.

By utiliazing a properly designed flywheel, one or more of the following potential 

advantages may be realized;

1 – Reduced amplitude of speed fluctuation

2 – Reduced peak torque required of the driver

3 – Reduced stresses in shafts, couplings and possibly other components in the 

system

4 – Energy automatically stored and released as required during the cycle.
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8.1.1 Types of Flywheels

Since the kinetic energy stored in rotating mass is given by,

KE = ½ Jw2       (8.1)

it is clear that if a large capacity for storing kinetic energy is required, the angular 

velocity, w should be as as large as possible and the mass moment of inertia af the 

rotating mass sould also be as large as possible

Noting that J is a function of the magnitudes of the mass elements comprising the 

flywheel and their distances from its axis of rotation, the way to achieve large values 

of J is to configure the rotating flywheel so that as much as possible lies as far as 

possible from the axis of rotation. This suggests a flywheel configuration in which a 

relatively heavy circumferential rim is connected by a lightweight structure to a hub 

secured to the rotating power transmission shaft of the flywheel system. Historically, 

in the design and construction of flywheels for low-performance mechanical 

systems,these configuration  guidelines were translated into the well known spoke 

and rim flywheel configuration. For high performance rotating systems in current 

practice, it is more common to use uniform-strength flywheel configurations and 

very high strength materials.

Furthermore, the rotating flywheels mass must have an axisymmetric geometry to 

avoid unbalanced dynamic forces induced by eccentric mass centers. Rotating 

unbalanced forces typically induce excessive shaft deflection, large amplitude 

vibrations and large force on supporting bearings and structure. Axisymmetric 

geometries that have been succesfully implemented for flywheel applications.  
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8.2 Flywheel Selection

If the average angular velocity wave of a rotating system is to remain unchanged 

over time, the first law of thermodynamics requires that the added kinetic energy

stored in the flywheel during one operational cycle must be equal to the kinetic 

energy depleted from the flywheel during the same cycle.  Isolating the shaft 

flywheel system as a thermodynamic free body as shown in Fig.8.4 Therefore 

requires that the kinetic energy supplied to the flywheel system during each cycle 

must equal the work done by the flywheel system during each cycle or

d( KE ) = d ( W )       (8.2)

where       KE= kinetic energy supplied to the rotating flywheel system

     W  = net work done  (energy depleted ) by the rotating flywheel system.

Figure 8.4 Free – body diagram of the flywheel

For a rotating mass having a mass moment of inertia J and angular velocity w, it is 

well known that,

KE= ½ J w2       (8.3)

hence

d( KE ) = ½ Jd ( w2 )       (8.4)
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Also, presuming a rigid shaft subjected to a net torque equal to ( Tl – Td ) ,

dW = ( Tl – Td ) dθ       (8.5)

combaining (Eq.8.4)

½ Jd ( w2 ) = ( Tl – Td ) dθ = Umax          (8.6)

Umax = by definition, the maximum change in kinetic energy of the shaft flywheel 

system due     to speed fluctuation between minimum and maximum values.

From Eq.8.6 then,

½ J ( w2
max - w2

min ) = Umax       (8.7)

Factoring the left side

J { (wmax - wmin ) / 2 } x (wmax - wmin ) = Umax           (8.8)

but

{ (wmax - wmin ) / 2 } = wave       (8.9)

so Eq.8.8 become

J wave (wmax - wmin ) = Umax          (8.10)

where(wmax - wmin ) is the peak-to-peak fluctuation in angular velocity during each 

operational cycle. 

Cf  = (wmax - wmin ) / wave          (8.11)

J wave
2 Cf = Umax          (8.12)

It is common practice to define a coefficient of speed fluctuation, Cf , as
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Required Level of Speed Uniformity Cf

Very Uniform

Gyroscopic control systems < 0.003

Hard disk drivers

Uniform

AC electric generators 0.003 - 0.012

Spinning machinery

Some fluctuation acceptable

Machine tools 0.012 – 0.05

Compressors, pumps

Moderate fluctuation acceptable

Excacators 0.05 – 0.2

Concrete mixers

Larger fluctuation acceptable

Crushers >0.2

Punch presses

In Fig.8.5 we have a tangential moments values for compressor. We can obtain 

Umax by using this graphic. If we calculate the area below the curve, we can obtain 

the energy value. We have three area below this curve. First of all we have to define 

our boundaries. We need a referans line for the calculation. Area which is below this 

referance line has negative effect on the system and above area has positive effect to 

the system. So, depends on energy equilibrium sum of these areas must be equal to 

zero. With this information we can determine our referance line values. 
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Figure 8.5 Tangantial moments – Crank angle diagram

As a result of the calculation, our referance line value is approximately 1000 Newton 

x Metre.

  Figure 8.6 Energy vectors

U1 =  31.23 Nm^2

U2 =  515.3 Nm^2                                    U2 = 8244.8 Nm

U3 =  484.065 Nm^2
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If we examine Fig.8.6,  we realize that, U2 value equal to the Umax . We can 

calculate necessary mass moment of inertia values by using U2 values. But, first of 

all we have to divide U2 value in to the crank radius to obtain the energy.  If we 

reorginize Eg.8.12

J = Umax  / ( wave
2 Cf  )

For the compressors Cf  values must be between  0.012 – 0.05 so we choose 

our   Cf =  0.35. Depends on this Cf  value,

J =  20.46 kgm^2

8.3 Flywheel Mass Moment Of Inertia Calculation

All of the CAD programs give us the Mass moment of inertia values for each kind 

of geometry. But for the clarification we have to know the teorical calculation of the 

mass moment of inertia for complex geometry. In this system, we have to calculate 

the flywheels mass moment of inertia values. In this calculation we have to seperate 

bodies to the simple geometries. 

In Fig.8.7 we can see the seperation of the simple bodies. During the selection of 

the flywheel we obtained the necessary mass moment of inertia values for flywheel 

before. Depends on these values we have to design our flywheel with the acceptable 

mass moment of inertia. In this case we can calculate thickness and diameter of the 

flywheel with;

Θ = ρ x π/32 x [ h ( d4 – d1
4 ) + h1 (d1

4 – d2
4 ) + h2 (d2

4 – d3
4 ) ]     (8.13)

ρ = density
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d, d2, d3 and h parameters depends on belt and crank dimensions so we have to 

calculate h1, h2 and d1 dimensions. With the optimization calculations we obtained 

the missing dimensions. 

Figure 8.7 Flywheel dimensions

d = 674.6 mm   h = 200 mm

d1 = 470 mm h1 = 42 mm

d2 = 215 mm h2 = 152 mm

d3 = 100 mm
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CHAPTER NINE

CONCLUSION

9.1 Conclusions

Chapter nine summarises the main findings of this study and test results about the 

system. This project was undertaken to design non-lubricated, multistage piston air 

compressor and main calculations of the system. This study has shown that all of the 

necessary calculations for the optimum design of the compressor system. It was also 

given some information of the main properties of the compressor. In this project all 

of the theoretical calculations were verified with Ansys analysis and test results. 

The current findings add substantially to our understanding of necessary and 

specific calculations during the design of the compressor system. In previous 

chapters we examined the strength and dynamic working conditions of the system 

and decided our systems qualification. But some points we required test datas for the 

varification of the system. Especially performance and working conditions test 

results gives us specific datas about our system.  The empirical findings in this study 

provide a new understanding of working conditions and available developments for 

the system. 

Figure 9.1 Complete system
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9.1.1 Strength results

Figure 9.2 Ansys stress analysis results

We calculated, gas forces in chapter three and dynamic loads in chapter four. 

Depends on these calculation results we made strength analysis for each part. We 

examined strength analysis results in chapter six for the main parts. As a result of 

these analysis, pre-design of all the parts was verified under the working conditions 

and safety factor. But some of the parts, such as crankcase, crosshead, pistons,  have 

high strength properties. In mass production, thickness of these kind of parts can be 

reduced. In this way, material costs also can be reduced. Besides, pistons and 

crossheads effect the reciprocating mass and inertia forces. If we decrease the mass 

of the these moving parts, we can decrease the inertia forces, vibration and noise. 
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9.1.2 Performance results

Table 9.1 Compressor performance results
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In table 9.1 we can examine test results about compressor performance. These 

performance results are average values for each test. Depends on these performance 

results we can verify our compressor. All of the results are within the limits. 

For increasing the compressor working life and more suitable working conditions, 

some developments can be made. These developments are;

- 1st stage air outlet temperature is so close to the limits. For increasing the 

rings and valves working life, we have to decrease the air temperature. 

There is a direct correlation between pressure and temperature in 

thermodynamic laws. For decreasing the 1st stage air outlet temperature, 

we have to decline 1. stage pressure ratio. Therefore, we have to increase 

2nd stage cylinder dia.  

- For decreasing the air outlet temperatures, we can re-design the water 

channels inside the cylinders.

- In these kind of systems leakage in valves is the main problem. For 

decreasing the leakages inside the system, liquid gaskets can be used 

around the valves. In this way, we can increase the flow rate value of the 

compressor.  

- For increasing the performance values of the heat exchangers, vane pipe 

can be used inside the heat exchangers.
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9.1.3 Vibration results 

Figure 9.4 Vibration measurement reference axis

Table 9.2 Compressor vibration results
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Figure 9.5 Chassis and Heat exchanger vibration measuring points

Table 9.3 Chassis and heat exchangers vibration results
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Vibration points for compressor, chassis and heat exchangers are shown in figure 

9.4 and 9.5. Also vibration test results are shown in table 9.2 and 9.3. 

According to TS EN ISO 2151/AC vibration standarts for V-Type compressors, 

these test results are suitable. For improving the working conditions some 

developments can be made,

- We can decrease total reciprocating mass with re-design of the some 

parts. These parts are determined depends on strength analysis. During the 

re-design process we should note that in V type compressors total 

reciprocating mass must be equal in both sides. Otherwise, because of 

inertia force differences vibration problem occurs. 

- Some results on the heat exchangers are so close to the limits. For 

decreasing the vibration on heat exchangers, we can design more rigid 

connections between heat exchangers and chassis. 

- Pulsation is the main cause the vibration on heat exchangers. For 

preventing the pulsation on heat exchangers, piping system can               

be re-designed. 

Before starting the compressor, users should note that,

- Compressor must sit on a flat surface. Irregularity on the surface cause 

vibration.

- Air springs must inflate with  certain pressure value. This pressure value 

is 4 bar for our system. Otherwise airsprings load capacity and damping 

coefficient remains inadequate. As a result, users encounter unexpected 

vibrations.
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SYMBOLS

A Area

cf Coefficient of speed fluctuation

d Diameter

E Elasticity

F Force

f Nodal force

h Height

J Mass moment of inertia

K Polytropic Index

K Stiffness

KE Kinetic Energy

L Length

M Inertia torque

m Mass

mccm Crankshaft cheek mass

mccm Crankshaft cheek mass

mccr Crankshaft cheek radius

mce Crankshaft eccentric mass

mcr,rec Reciprocating mass of the connecting rod

mcr,rot Rotating mass of the connecting rod

mrec Total reciprocating mass

mrot Total rotating mass

N Shape function

P Pressure

r Crank radius

rcw Counter weight radius

S Suitable linear operator

T Torque

U Energy

W Work
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w Angular velocity

wt Crank angle

xs Moving distance of the piston

xp Downward displacement of piston from top

yc Horizontal displacement

γ Shear strain

ε Strain

θ Crank angle

υ Poisson ratio

ρ Crankshaft radius / Connecting rod lenght

ρ Density

σ Stress 

T Shear stress

ϕ Connecting rod angle

δ Derivative index

∫ Integral index
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